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Abstract

This article presents the evolution of a concept of air-source heat pump for simultaneous heating and cooling (HPS).
A heat pump can simultaneously produce heating and cooling energies for collective residential buildings, hotels or
highly-glazed office buildings. The heat pump prototypes operate under three main modes. (1) The heating mode
produces hot water using heat available in the ambient air. (2) The cooling mode produces cold water and rejects heat to
the ambient air. (3) The simultaneous mode produces hot water thanks to heat taken from the cold water, therefore
becoming colder. During the simultaneous mode, two thermal energy amounts, for cooling and heating, are produced
simultaneously. Therefore, it is interesting for the user that the heat pump operates in the simultaneous mode as much as
possible. A winter operating sequence involving a heat exchanger for refrigerant subcooling enhances the performance
of the machine. Two prototypes working with R407C and R290 (propane) were built consecutively and tested following
European Standard EN 14511 in a climatic chamber. The experimental results show that the second prototype has a
higher performance than the first one regarding exergy aspects thanks to not only the refrigerant choice but also to a

better design of components.
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1 Introduction

Improvements on a heat pump cycle are limited by the performance of the reverse Carnot cycle. The gap between
the maximum performance and the real cycle performance can be evaluated using the concept of exergy. Exergy is a
thermodynamic quantity defined as the maximum work available in a system referring to a specified environment
temperature [1]. The concept of exergy appears interesting when applied to heat pumps for simultaneous heating and
cooling. It enables to manipulate thermal energies produced at different temperatures converted in the same
thermodynamic grandeur.

The introduction of this article details the exergy assessment method, reviews the scientific literature about heat
pumps for simultaneous heating and cooling (HPS) and discusses the choice of refrigerants for this machine. Then, the
experimental studies carried out in our laboratory on exergy assessment are presented. Two prototypes, P1 using R407C
and P2 using R290, were tested in a climatic chamber in Pdle Cristal, Technical Research Centre for HVAC in Dinan
France. The exergy comparisons are carried out under standard stationary conditions including an exergy destruction

calculation for each component.
1.1  Energy and exergy assessment

Energy analysis is widely used in the engineering sector for system performance assessment, while exergy analysis
determines the magnitude of energy losses in each component to reveal paths for potential improvements. It
corresponds to a form of “quality” of an energy process [2]. No exergy is destroyed during a reversible process and a
part of the exergy is destroyed during an irreversible one. For refrigeration cycles, the specific exergy of a fluid at any
state is given by equation 1 [3], where hy, Ty and s are respectively the reference values of specific enthalpy,
temperature and specific entropy.

ex=(h-hgo)-Tp (s - So) (1

For heat pump cycles, exergy is used to evaluate the irreversibility degree of the processes. The objective of an
optimization study is then to minimize the exergy destruction for each component of the heat pump. To define the
exergy transfers throughout the different processes of the heat pump cycle, the Carnot efficiency is used following
equation 2, where T, is commonly taken as the ambient temperature [1] and T's, corresponds to the average source
temperature (equation 3). The logarithmic mean temperature is commonly used. Using this form of the Carnot
efficiency enables to evaluate exergy as the mechanical work ideally recoverable from an amount of thermal energy Q

(equation 4).
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The energy efficiency of the HPS is evaluated in terms of COP (equations 5, 6 and 7). Thermal energy is calculated

T=

(€))

using temperature and flow rate measurements during the tests. The electric power of the compressor and the auxiliaries

(fan, pumps and control accessories) are taken into account.

COP Qheatiny (5)
heating mepressar + W quxitiaries
Qheating + Qcooling
COPsimultaneous = i (6)
Wcompressar + Wouxitiaries
COP Qcooling (7)
COOllng WcompTeSSOT + Wauxiliaries

Exergy efficiency is the ratio of the produced exergy rate over the exergy rate supplied to the system, which is the
electric power consumed by the compressor (equations 8, 9 and 10). Electric energy and mechanical work are
considered as pure forms of exergy. The power consumed by the auxiliaries is also taken into account in the exergy

efficiency calculation.

E Xheating

nex - heatin‘g - Wcompressor + Wauxiliaries (8)
Exheating + Excooling 9

nex - simultaneous = Wcompressor + Wauxiliuries ( )
E Xcooling

nex - COOlin‘g - Wcompressor + Wauxiliaries (10)

Improving the real heat pump cycle consists in minimizing the exergy destruction during the four processes of the
thermodynamic cycle, especially during compression [3]. An exergy analysis enables to assess in each component the
improvement that could be envisaged. The theoretical formulation for exergy destruction in each process is given by the
following equations (equations 11 to 14). In the evaporator and the condenser, the destroyed exergy rate is the
difference of exergy rate exchanged between the source and the refrigerant. For the expansion process (equation 13),
the exergy destruction is negative; it becomes an exergy recovery. Pressures and temperatures in each point of the
refrigeration cycle were measured during the experimental tests. Enthalpy and entropy were then calculated using EES

software [4] that includes the Refprop database for thermodynamic properties of refrigerants.

Exp_cp=W -m-[(houe = hin) = To * (Sout = Sin)] (11
Exp_cqg=m"[(hin = hou) = To " (Sin = Sout)] = Qheating - ‘1 - % (12)
Exp_xp=m"[-To" (Sin—Sour)] (13)
Exp- o0 = Qeonting " |1~ 7| =" [(toue = han) ~ T (5o 500)] (14)




Morosuk presents an interesting analysis of exergy split under avoidable and unavoidable exergy destruction [5]. A
calculation compares cycles with unavoidable exergy destructions with the performance of the ideal heat pump cycle
called “theoretical heat pump cycle” having an isentropic expansion process. Cycles with unavoidable exergy
destructions are representative of technological limitations linked to manufacturing methods. The assumptions taken for
cycles with unavoidable exergy destructions are the following: temperature pinches (minimum temperature difference
between refrigerant and secondary fluid) at the condenser and the evaporator equal to 0.5 K and a compressor isentropic
efficiency of 95%. The rest of exergy destruction is considered as avoidable exergy destruction. The optimization of the
heat pump cycle is carried out by minimizing this avoidable exergy destruction. The same article also splits the
avoidable exergy destruction into an endogenous part, acting on the component itself and exogenous part, acting on
other components. This method helps to detect the components on which improvements in efficiency would be the
highest. The article concludes that the evaporator should be improved first and the compressor second, following
avoidable exergy destruction results. The values assumed here as near future technological limits for compressor and
heat exchanger seem arbitrary and far from the values obtained with our prototypes. Besides, another publication [6]
indicates that the compressor is the component destroying the most exergy, followed by the condenser. Fazelpour and
Morosuk [7] conclude that the exergy destruction is the highest in the expansion valve in the case of a transcritical CO,
cycle. Other exergy analyses were performed with experimental data in the aim of better comprehension of the
behaviour of heat pumps [6], [8]-[10]. To summarize, it appears that the exergy destruction depends highly on
temperature and pressure differences and indirectly on the sizing of the components. Indeed, correct operating
conditions are closely linked to.component sizing. The present article will only apply the basic exergy destruction

assessment method to heat pumps for simultaneous heating and cooling.

1.2 Characteristics of heat pumps for simultaneous heating and cooling

The improvement of the thermal performance of building envelopes, the increasing consumptions related to a more
intensive use of electrical appliances and the growth of the domestic hot water (DHW) demand in the residential sector
are factors that often lead to simultancous or slightly delayed heating and cooling demands. In this context, the
recommendations of the International Energy Agency in the "technology roadmap" for 2050 [11] advocate the
development of systems able to produce domestic hot water, heating and cooling at the same time. A heat pump for
simultaneous heating and cooling (HPS) can be a solution to satisfy the fluctuating thermal demands in heating and
cooling, simultaneous or not. A HPS is able to provide these two thermal capacities simultaneously. Therefore, some
electric energy is saved compared to two mono-function devices that would have to produce in parallel heating and
cooling or a reversible heat pump that would have to operate firstly in a heating mode and secondly in a cooling mode.

The HPS applications are space heating, space cooling and domestic hot water production for buildings such as



collective residences, hotels or glass-fronted office buildings in which the proportion of simultaneous demands in
heating and cooling is high. This situation occurs mainly during mid-seasons (spring and autumn) for north-south
oriented buildings in which rooms facing north demand heating and rooms facing south demand cooling. Another
situation is encountered during summer when cooling and domestic hot water demands are simultaneous [12]. The
food-processing industry can also use this type of technology for simultaneous refrigeration and hot water production.

Table 1 summarizes the studies found in the scientific literature on the subject of simultaneous multi-function heat
pump systems. Heating or cooling in the application column means space heating or space cooling. The applications are
numerous: air-conditioning, refrigeration, space heating, domestic hot water production for residential and office
buildings, dairies... Lecrivain et al. [13] sized a HPS that produces hot water at 95 °C and chilled water at 0 °C. The
machine consists of two refrigerant circuits in cascade using R22 as a refrigerant in a low-temperature cycle and R114
in a high-temperature cycle. Over its total lifetime, this solution saved 36 tons of oil equivalent (toe, primary energy)
compared to a natural gas boiler and a cooling unit. Ghosh et al. [14] quantified the economic benefits of a HPS in the
industry. They found that with the electricity price of India, a heat pump with simultaneous production has a payback
time less than 18 months. An air handling unit with simultaneous production of domestic hot water is presented by
Gong et al. [15]. A prototype of 7 kW cooling capacity was achieved. The prototype was tested under different climatic
conditions and the coefficient of performance achieved is equal to 6. Fatouh and Elgendy [16] developed a prototype of
water to water heat pump using R134a as a refrigerant. The latter can operate in heating, cooling or simultaneous mode.
The coefficient of performance in simultaneous mode is defined as the ratio of the sum of useful energy production over
electrical power consumption. Other studies dealing with heat pumps for simultaneous heating and cooling using CO,
as a working fluid were carried out [17], [18].

All authors conclude toa performance improvement thanks to the simultaneous thermal productions. However, the
systems are by essence more complex than mono-function devices. More components are to be bought, assembled and
managed. The control strategy is automatically more complex. The HPS adapts the production to the needs of the
building by rejecting or recovering excess heat on a free source such as ambient air, a geothermal well or a water loop.
The free balancing source is also mentioned in table 1. In the theoretical work of Le Goff [19], the application and the
balancing source are not clearly defined. This study presents a method to optimize a system depending on either an
exergy, an economic or an ecologic performance factor. The balancing source is nearly exclusively ambient air. It is
easy to find and handle. If no balancing source is used, it means that the system does not cover all the thermal demand
in heating and cooling but only the lowest part. The remaining part of the demand is satisfied by a back-up heating or

cooling system.



Table 1: Summary of previous studies about simultaneous multi-function heat pump systems (*in « type of
study » column: Theo. = Theoretical; Exp. = Experimental; Sim. = Simulation — N/A: not appropriate — N/C: not

communicated)
. Nominal
Main authors Application Type of Balancing Fluid capacity or P?rfqrmance
study* source indicators
power (kW)
Agrawal, 2011 . . . . Maximum system
21] Heating, cooling Exp. Air R744 2.5 (electric) COP =41
Amin, 2015 [31] Desalination Exp. Solar R134a N/C Average COP =8
Attia, 2010 [32] Desalination Theo. N/A R22 N/A MaximugLOF
around 11
. R22 B
Bouttefroy, 1990 Heating, cooling Exp. No balancing R114 400 (clectric) Average COP =
[25] source 4.29
cascade
R407C Carnot COP,
Byrne, 2009 [33] Heating, cooling Sim. Air R744 ’ 15 (heating) COP, exergy
efficiency
Byrne. 2011 COP =6.52
[g;’] 23] Heating, cooling Exp. Air R407C 15 (heating) (Tev = 0.4 °C;
i Ted =50.6 °C)
Heating, cooling, . . . Annual maximum
Byrne, 2012 [34] DHW Sim. Air R407C 10'(heating) COP = 533
Fatouh, 2011 Space cooling, No balancing . Maximum actual
[16] DHW Exp. source R134a 1to 2 (electric) COP =49
Ghosh, 1987 [14] Dairy, brewgry, Sim. No balancing RI12 100 to 350 Payback period,
food processing source (heating) less than 1.5 year
. . . R407C,
Ghout[>i1;1], 2014 Heatlrll)g},{igohng, Sim. Air R290, 20 (heating) SCOE)f;ozrrll 2.28
R1234yf :
Cooling, heating, . . Maximum COP =
Gong, 2008 [15] DHW Exp. Air R22 2.6 (electric) 6.0
Kang, 2009 [35] . _
Joo, 2011 [36] | Cooling, heating Exp. Air R410A 8 (cooling) Max‘m;“égcop
Jung, 2014 [37] )
. R22 36 (1%t stage)
Lécrivain, 1982 Dairy Theo. Air RI14 | 38 (2% stage) COP=238
[13] .
cascade Electric power
Le Goff, 1999 Heating, cooling Theo. Environment N/A N/A Exergy, economic,
[19] ecologic
Heating, coolin Heating and DHW
Liu, 2014 [38] g & | Exp. | Air, graywater | N/C 6 (heating) COP from 5.8 to
DHW 48
Naveteur, 2007 . . 600 (heating, Average COP =
126] Heating, cooling Exp. Ground N/C cooling) 38
No balancin COP =8.08
Sarkar, 2004 [17] | Heating, cooling Sim. & R744 N/C Exergy efficiency
source
=463 %
Sarkar,2006 [18] Heating, cooling Sim No balancing R744 4 (cooling) Maximum system
’ ’ ) source COP =4.01
. Exp. . . Exp. COP =3.9;
Stene, 2005 [24] Heating, DHW Sim. Brine R744 6.5 (heating) Sim. COP = 4.3
. Refrigeration, No balancing 400 (cooling) .
White, 1997 [27] DHW Exp. source R744 600 (heating) Heating COP >3

In general, the laboratory experimental works usually focus on low capacity heat pumps ([15]-[18], [20]-[24])

whereas the plants operated in real conditions are much more powerful [14], [25]-[27]. Chua et al. [28] reviews the

advances in heat pump systems and points out the application of district heating and cooling [29], [30]. However, these

systems do not carry out simultaneous but alternative heating and cooling. Nevertheless, carrying out heating and

cooling more efficiently is seen as an advance for heat pump systems. All these heat pumps are interesting solutions to



heat, cool and even produce domestic hot water. They work using different operating modes in order to adapt the
thermal productions of the machine to the thermal demands of a building or a process. In addition, the control strategy
appears to be a key point to optimize the heat pump performance and to adapt thermal productions to the needs of the

users and to the nature of the building.

1.3  Refrigerants

Currently, policy actions for the environment have imposed new restrictions on synthetic fluids. In‘the next revision
of regulations on refrigerants, HFC use will be most likely restricted (or subject to taxation) especially in-Europe [39].
However, the implementation of a protocol banning HFC remains hypothetical in a medium term horizon [40]. In this
context, the use of natural refrigerants such as carbon dioxide (CO,, R744), ammonia (NH;, R717) and hydrocarbons
(such as propane, C;Hg, R290) is now considered as a promising alternative due to their low impact on the environment.
Widely used in the first refrigeration systems, natural refrigerants were replaced in the 1930s by synthetic fluids. In
recent years, a growing interest to return to these fluids has appeared among the research community. Figure 1 shows
the performance of the fluids with low GWP based on the standard of comparison of a thermodynamic cycle of 20 kW
heating capacity with an evaporation temperature of 0 °C and a condensing temperature of 40 °C (superheating and
subcooling degrees of 0 K). The best performance is obtained with ammonia. However, carbon dioxide has the
compressor with smaller swept volume. Unlike developments of CO, or ammonia systems that require the use of new
technologies (often very costly), hydrocarbons offer an attractive alternative. Propane (R290) can be implemented in
standard technologies. This fluid delivers an almost identical power as R22 with the same performance. The only
relevant limitation for the use of hydrocarbons is flammability. This risk can be managed by reduced refrigerant charge,
cautious confinement; namely by using ATEX components and leakage detection when the equipment is intended to be

used in explosive atmospheres such as refineries or grain silos [41].



Fluid (cop / Displacement [m3/h] )
R290 (5.55/25)

R717 (5.68/20)

R744 (3.25/6)

R22 Technologicalbarriers -

Figure 1: Fluid performance, compressor displacement and relative levels in terms of technological barriers and
safety issues

Safety and Handling

In a previous publication [42], the performance of thermodynamic cycles of some refrigerants was compared by
simulation for an air-source heat pump working in two applications: water heating at 35 °C for space heating and
domestic hot water production at 65 °C. The simulations were run using the cycle analysis tool of Coolpack [43],
software working with Engineering Equation Solver [4]. CoolPack is a collection of simulation programs that can be
used for designing, dimensioning, analysing and optimizing refrigeration systems.

The polyvalent fluorinated fluids such as CFC12, HCFC22 and HFC134a are less and less efficient as they lose
atoms of chlorine and gain atoms of hydrogen instead. Among these, R407C takes advantage of the 5 K-higher
evaporating temperature due to the temperature glide during evaporation. However, it does not outperform other
refrigerants in DHW production. Hydrocarbons show results equivalent to fluorinated fluids. All refrigerants show
similar coefficients of performance except carbon dioxide that is better in DHW production than in space heating.

Mainly because of the simplicity to find components, the first prototype was designed with HFC R407C. To
approach refrigeration with a natural fluid, the second prototype was implemented with propane. The COP and exergy
efficiency of refrigeration cycles can be easily evaluated using Coolpack software for R407C and propane. The
following assumptions can be made:

e temperature difference for water is equal to 5 K,
e temperature difference for air is equal to 8 K,

e temperature pinch is equal to 5 K,

e isentropic efficiency is equal to 0.7,

e refrigerant subcooling and superheat are equal to 0 K,



e no pressure drops in the heat exchangers,

e 1o compressor heat loss,

e ambient temperature in the simultaneous mode is 11,3 °C (average ambient air temperature in the city of
Rennes),

e temperature regimes in the three modes are the ones compared in the following study.

Table 2 presents simulation results of the thermodynamic cycle COP and of the exergy efficiency for the three
operating modes and for the temperature regimes that are tested experimentally in standard EN 14511 [44]. This set of
simulations shows that the refrigerant substitution does not have much influence on the performance factors in the
heating and cooling modes. However, in the simultaneous mode, the temperature glide of R407C highly influences the
coefficient of performance and the exergy efficiency consequently. Indeed, because of the glide, the evaporating
temperature is higher and the COP increases. The condensing temperature stays the same because the high temperature
is the set point temperature, e.g. the outlet temperature. In the cooling mode as in the simultaneous mode, the
evaporating temperature is higher with R407C, but conversely, the condensing temperature is also higher. The high
temperature of the temperature regime corresponds to the air inlet temperature in the cooling mode. Therefore, the
condensing temperature increases as much as the evaporating temperature and the COPs of R407C and R290
thermodynamic cycles remain close. This aspect will have to be taken into account in the performance comparison
between prototypes P1 (R407C) and P2 (R290).

Table 2: Simulation of the thermodynamic cycle COP and exergy efficiency with R407C and R290 under
standard EN 14511 operating conditions

Mode Simultaneous mode Heating mode Cooling mode

7/35 7/45 | 7/55 | 7/35 2/35 7/45 2/45 7/25 7/30 | 7/35
COP cycle R407C 10.52 7.66 5.79 4.60 4.08 3.63 3.30 5.15 4.27 3.59
COP cycle R290 9.08 6.90 5.40 4.65 4.12 3.70 3.35 5.20 4.33 3.66
Discrepancy.on COP 13.7% | 10.0% | 6.7% | -1.1% | -0.8% | -1.9% | -1.6% | -1.0% | -1.4% | -1.9%
Tex R407C 0.433 | 0.451 | 0.446 | 0.383 | 0.407 | 0.408 | 0.422 | 0.287 | 0.312 | 0.325
Nex R290 0.378 | 0.411 | 0.421 | 0.387 | 0.410 | 0.416 | 0.429 | 0.290 | 0.318 | 0.334
Discrepancy on Mey 12.7% | 9.0% | 5.8% | -1.1% | -0.8% | -1.9% | -1.6% | -1.0% | -1.7% | -2.7%

The study presents the exergy analysis of experimental results obtained with the two prototypes tested under
standard EN 14511 [44] conditions obtained in a climatic chamber. One specificity of these research results is that they
compare three operating modes for the same machine that uses the same compressor and for two different heat pumps

for simultaneous heating and cooling of similar power.



2 Concept of the HPS

A reversible heat pump can provide alternatively either only cooling or only heating. The alternation is carried out
by switching a 4-way reversing valve. Conversely, the HPS is characterized by its ability to produce simultaneously a
heating capacity with a useful condenser and a cooling capacity with a useful evaporator. The system needs an
additional heat exchanger with a balancing source such as ambient air or the ground to adapt the produced heating and
cooling energy to the thermal demand. It also necessitates valves on the refrigeration circuit to supply the refrigerant
flow to the heat exchangers involved in the different operating modes. The HPS operates in three basic modes:

simultaneous, heating and cooling modes.

The two architectures of prototypes were designed for very specific reasons. Firstly, they both use ambient air as a
balancing source because it is the cheapest. Secondly, they carry out defrosting in a very special manner. The cold water
tank is used as storage tank during winter. Heat is recovered by subcooling the refrigerant in a heating mode and is
subsequently used as a heat source for evaporation in a simultaneous mode. In prototype P1 operation, some of the
vapour formed at the evaporator flows to the possibly frosted air evaporator to condense and defrost it. The refrigerant
liquid returns to the water evaporator by gravity. This two-phase thermosiphon defrosting technique imposed the
refrigeration circuit of the first prototype. The second prototype architecture has another goal: being more simple and
efficient in order to be closer to a machine ready to the market. A sort of reversed cycle defrosting replaces the two-
phase thermosiphon defrosting. However, the defrosting energy is still drawn from the cold water tank that is unused

during winter.

2.1  P1: R407C prototype

2.1.1 General specifications

An experimental HPS prototype using R407C as a refrigerant was first developed [22], [23] (Figure 2). It has an
Emerson Copeland ZB38KCE compressor providing a nominal heating capacity of 15 kW. The water evaporator and
the water condenser are connected to two 300-litre tanks, respectively cold and hot water tanks. No DHW tank was
installed in this first study. Condensation (marked HP, high pressure circuit) and evaporation (marked LP, low pressure
circuit) on air are carried out on the same balancing air heat exchanger alternatively. Three modes can be operated with
this machine:

e The simultaneous mode produces hot and chilled water using the water condenser and the water evaporator
(electronic valves Evrl and Evr3 are open).
e The heating mode produces hot water using the water condenser, the air evaporator (electronic valves Evr2

and Evr3 are open) and the subcooler to store the subcooling energy in the cold water tank.
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e The cooling mode only produces cold water using the water evaporator and the air condenser (electronic

valves Evrl and Evr4 are open).

EvrLP and EvrHP are two electronic valves that control the high pressure in the liquid receiver. When EvrHP opens,
high pressure refrigerant from the compressor discharge line enters the bottle and increases the high pressure of the
whole circuit. When EvrLP opens, the receiver is in connection with the low pressure part of the circuit and the high
pressure decreases. This control management proved to be quite efficient even if some energy was lost by the pressure

increase with hot gas.

TEV2 | o
B 5% 5%
EvrLP EvrHP
 LPECZHP vr ur
: AW Water
x| VAR condenser
Evr2 -
Taey :I : Balancing air
______ heat exchanger !
Liquid receiver
i
i e
Thermosiphon 5
circuit Nrv2
Water

evaporator

Subcooler

Figure 2: Scheme of the R407C HPS prototype

2.1.2 Classic winter sequence

During winter, the operation alternates between heating and simultaneous modes. The cold water tank is used as a
short-time heat storage. The sequence begins by the heating mode involving the water condenser, the air evaporator and
the subcooler. The cold water tank is heated, from around 10 to 20 °C, by the energy recovered by the refrigerant
subcooling process. Then the HPS switches to the simultaneous mode and uses the energy stored in the cold water tank
as a cold source for the water evaporator. The cold water tank temperature decreases progressively from 20 back to 10
°C. The controller switches again to the heating mode and this alternating process continues until the demand is
satisfied.

In the simultaneous mode, the evaporating temperature is higher than in the heating mode as the cold water is hotter
than ambient air. Therefore, using the simultaneous mode for a certain time during the winter sequence enables to

produce hot water continuously with an improved average system performance compared to standard air-source heat

11



pumps. Besides, in the simultanecous mode, the air evaporator is not used for evaporation, so it is free for a defrosting

phase.

2.1.3 Winter sequence with defrosting

In the heating mode, under cold outside air temperatures and high humidity ratios, the fins of the air evaporator may
get frosted. Before the frost thickness becomes critical, the cold tank of the HPS system was heated up to 20.°C and the
simultaneous mode was engaged by the controller. The frost thickness was observed with eye to remain limited with
this 20 °C operating threshold in the most severe frosting conditions. The lower cold tank temperature is a know-how
that cannot be given in this article. The temperature is directly measured by the controller. In the simultaneous mode,
the air coil is automatically defrosted by a two-phase thermosiphon formed between the two evaporators [23][22]. A
supplementary flow of vapour comes out of the water evaporator and migrates towards the air evaporator where the
temperature and the pressure are lower. The refrigerant exchanges latent heat with the frosted fins and condenses. It
finally flows back to the water evaporator by gravity. The tube between the two evaporators must have a large diameter
and a near-to-constant slope to let the refrigerant vapour flow up to the air evaporator while the condensed liquid flows
back down to the water evaporator.

A major advantage of this sequence is to carry out defrosting without stopping the heat production. Frost thickness
can thus be minimized and the mean overall heat transfer coefficient at the evaporator can be maximized. The average
heat pump efficiency under frosting conditions is improved compared to the performance of standard air-source heat
pumps that use hot gas or reversed cycle defrosting methods [45], [46]. Simulations with and without the alternated
winter sequence have shown a seasonal heating and cooling COP increase of 15 %, from 2.54 to 2.92, for a R407C HPS
installed in an office building in Rennes (France) [12].

Some additional tests have shown that the configuration of the thermosiphon circuit worked well under low frosting
conditions but wasnot fully optimized to carry out defrosting under severe frosting conditions [47]. Too much liquid
formed rapidly inside the tubes of the air evaporator, it had not enough time to go back down to the water evaporator
and actually blocked the upward vapour flow. This problem does not affect further comparison results because the
defrosting sequences are not taken into account, only established operating modes under controlled air and water

temperatures in a climatic chamber. However, this problem has to be solved by more research in the future.

2.2 P2: R290 prototype

2.2.1 General specifications

The second prototype (Figure 3) benefits from the previous works and simplifies the HPS system with the mid-term

objective of the industrialization of the machine [47]. The 6 operating modes are presented in Figure 4.
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e Simultaneous mode (space cooling and space heating), Figure 4a

e Simultaneous DHW mode (space cooling and DHW production), Figure 4b
e Heating mode (space heating only), Figure 4c

e DHW mode (with ambient air), Figure 4d

e Cooling mode (space cooling only), Figure 4¢

e Defrosting mode (cooling mode with stopped fan), Figure 4f

2.2.2 Particularities

The three principal modes and the alternating winter sequence are retained. Two additional modes were provided for
DHW production (Figure 4b and Figure 4d). Two condensers are connected in series'and work only alternatively
depending on the activated mode. A DHW production demand has the priority on a space heating demand. Because of
the higher inertia of the building and its space heating distribution network than of the DHW network, the impact of a
stop of heat production for space heating during the DHW production will not so much impact the indoor temperature
and the thermal comfort inside the building. Conversely, not immediately satisfying the DHW demand would be a clear
cause of discomfort. The balancing air heat exchanger operates either as a condenser or as an evaporator. The
refrigerant flows in a way in a condenser mode and in the opposite way in an evaporator mode. The ATEX Bock
compressor referenced HG34P/255-4S was installed on this machine and provides a nominal heating capacity of 12
kW. The simplification relies in the abandon of the high pressure control system and the thermosiphon defrosting. It
was shown that the high pressure control system was not necessary when a liquid receiver was used. The high pressure
is now indirectly controlled by the thermostatic expansion valves. Besides, the defrosting operation is carried out in a
dedicated defrosting mode corresponding to a cooling mode with evaporation using the water from the cold tank and
condensation using ambient air but without activating the condenser fan (figure 4f). The defrosting process stops the
heat production. However, it does not need to draw on the heat stock like in the one of a reversible heat pump. The
average COP improvement of this technique is around 30 % for an operation during a defrosting sequence at an ambient

air temperature of 2 °C and a hot water production temperature of 35 °C [48] if compared to reversible heat pump.
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3 Experimental performance comparison
3.1  Global performance

The performance of the two prototypes were evaluated following European Standard EN 14511 [44] in a climatic
chamber. This standard imposes a steady state operation over a 30-minute duration with limited discrepancies of
boundary conditions with respect to set values. The experimental temperature and pressure measurements at the inlet
and the outlet of each component enabled to calculate energy and exergy rates involved for different operating
conditions. The energy and exergy analysis is made in the common modes of both prototypes: simultaneous, heating
and cooling modes. The DHW modes are not integrated to prototype P1 operation and the defrosting mode differs from
the first prototype to the second. Therefore, these latter modes are excluded from the comparison.

The global performance is presented in Figure 5. These results include the consumptions of auxiliary fan and pumps.
In general, prototype P2 shows better results than prototype P1. Indeed, the first prototype was developed more to
observe the phenomenology occurring in such a multi-function heat pump in terms of fluid migration and heat pump
behaviour during transitions than to reach a high performance. The design of P2 was mainly improved thanks to the
lessons learned by the sizing mistakes made on P1. The compressor and the heat exchangers were better selected. The
refrigerant choice has a relatively low impact on the performance. Propane generally has a 2 to 10 % lower
performance, depending on the operating conditions, compared to R407C [42]. In all cases, it can be noted that the
difference between the exergy efficiencies of P1 and P2 decreases as the source temperatures get closer to the ambient
temperature because the mechanical work recoverable through a Carnot cycle becomes lower. In the simultaneous
mode, the ambient temperature of the climatic chamber is set at 11.3 °C, which is the average annual temperature of the
city of Rennes, France. The experimental COP improvement between P1 and P2 appears lower in the simultaneous

mode than in the other modes. This observation is consistent with the simulation results presented in table 2.
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3.2 Exergy destruction per component

For both prototypes, Table 3 details the destroyed exergy rates in each component of the refrigerating circuit in
average values for every operating mode. The average was calculated for both prototypes tested in the same following
operating conditions considering constant source temperatures: 7/25, 7/35 and 7/45 in the simultaneous mode (constant
outlet cold source / outlet hot source); 2/35, 7/35, 2/45 and 7/45 in the heating mode (constant inlet cold source / outlet
hot source); 7/25, 7/30 and 7/35 in the cooling mode (constant outlet cold source / inlet hot source). The heat
exchangers are not the same in different modes; the condenser is the water condenser in the simultaneous and heating
modes and the air heat exchanger in a cooling mode while the evaporator is the air heat exchanger in the heating mode
and the water evaporator in the simultaneous and cooling modes. The numbers highlighted in-a bold police correspond
to high exergy destruction rates, over 1.5 kW for compressors and over 0.5 kW for heat exchangers to point out the
maximum values.

These results first reveal a high exergy destruction in the compressor of P1 prototype in a heating mode. In the
simultaneous mode, the higher exergy destruction rate is to be moderated by the fact that the total exergy destruction is
also higher. Nevertheless, the compressor shows worse exergy performance for heating purposes. This result confirms
that the main application of this P1 compressor, for which it was designed by the manufacturer, is cooling. The
comparison of compressor maps showing the operating ranges of evaporating and condensing temperatures confirms
this statement (Figure 6). The higher limit of condensing temperature of P1 compressor is lower than the one of P2. One
operating point is even on the limit whereas for P2, all points are in the operating range.

Figure 7 compares the total exergy destruction of the two prototypes in the three modes divided by the thermal
energy produced in order to have an equivalent base of heat and cold production. The simultaneous mode presents
clearly the lowest exergy destruction ratios. Prototype P2 shows better performance, especially in the cooling mode.

Figures 8 to 11 present the exergy destruction ratio in the compressor, the evaporator, the condenser and the
expansion valve respectively. This ratio is defined by the exergy destruction in the component divided by the total
exergy destruction. P2 compressor shows an even ratio confirming that the compressor was better selected. Secondly,
exergy destruction analysis exposes an under-sizing of heat exchangers that can be observed in some operating modes.
The exergy destruction ratio of condensers and evaporators is shown in figure 9 and 10. P1 air condenser and water
evaporator in the cooling mode and P2 air evaporator in the heating mode seem under-sized. In the case of P2, a high
refrigerant pressure drop in the distributor and the air evaporator was assessed at 2.1 + 0.6 bar using the pressure
measurement at the inlet and the evaluated evaporating pressure. Therefore, part of the exergy destruction ratio would
be attributed to the expansion valve if the distributor tubes had less pressure drops. This fact can explain the very low

exergy destruction in the expansion valve in the heating mode in figure 11.
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Table 3: Destroyed exergy rates in different components for the three operating modes and the two prototypes

(ST Simultaneous mode Heating mode Cooling mode
P1 R407C P2 R290 P1 R407C P2 R290 P1 R407C P2 R290
Compressor (kW) 1.59 1.38 1.62 1.34 1.24 1.53
Condenser (kW) 0.44 0.32 0.27 0.28 0.59 0.42
Expansion valve (kW) 0.43 0.37 0.18 0.10 0.44 0.33
Evaporator (kW) 0.46 0.54 0.33 0.62 0.75 0.57
Total (kW) 291 2.61 241 2.39 3.02 2.86
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The HPS enables electric energy saving by the operation of the simultaneous production of heating and cooling

energies. Heat pumps for simultaneous heating and cooling appear as interesting solutions for new office and residential
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buildings with a specific mode for DHW production. Two prototypes were built and tested under very similar operating
conditions defined by European Standard EN14511. The first one, using R407C as a refrigerant, is a demonstrator
intended to show phenomena in the fields of heat transfer and fluid dynamics. The second one is a near-industrial well-
designed prototype that ended in a patent deposit [49].

An exergy analysis was conducted to study the evolution between the first and the second prototypes. The
comparison of global energy and exergy performance factors show that improvements were actually made. The exergy
destruction occurs mainly in the compressors, where the heat losses are high. The performance of prototype P1 is
reduced by an under-sized water evaporator. The impact of the choice of the refrigerant is considered as relatively low.
Prototype P2 presents much lower exergy destruction ratios thanks to a better design of the components. In this study,
the exergy analysis proves its benefits for a better design of systems in terms of energy use. It enables to identify
components having higher exergy destruction, to correct sizing problems. High exergy destructions can be attributed to
high pressure drops or high temperature differences in heat exchangers leading to higher thermal losses and less

efficient thermodynamic cycles.

The present article applies the exergy analysis to a very specific type of multi-function heat pump. The results
compare three operating modes (heating, cooling and simultaneously heating and cooling) for the same machine that
uses the same compressor and for two different heat pumps of similar power. The comparison of operating modes in
terms of exergy destruction enables to detect the suitability of a component to the different modes, especially for the
compressor. The impact of changing the refrigerant is also addressed through complementary simulations. The effect of
the temperature glide of the zeotropic mixture of R407C is beneficial for the simultaneous mode.

Unfortunately, the exergy analysis was realized after having constructed the two prototypes. The improvement
between prototypes P1 and P2 was made regarding energy analysis only resulting in a finer dimensioning. The exergy
analysis should now be completed for dimensioning more precisely a commercial heat pump system. The compressor
should be chosen so that the operating conditions of standard EN14511 represented in a compressor map give points
well inside the operating zone. Indeed, a compressor is a like high pressure pump having a maximum efficiency in the
middle of its operating range. Simulations should be made beforehand to size the heat exchangers and to obtain the
evaporating and condensing temperatures depending on the temperatures of the heat source and the heat sink. This step
has to be carried out in the aim of reducing exergy destruction. On the one hand, the exergy destruction will be
minimized with the maximum heat transfer surface area. On the other hand, the price is linked to the mass of matter.
Therefore, to stay in the same objective, an exergo-economic study should be used to minimize the cost of the

investments and of the exergy flows in the heat exchangers.
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In the process of designing new machines, the exergy assessment helps improve the components most impacted by

exergy destruction until achieving acceptably low values. This study demonstrates that an exergy analysis applied to

every prototype tested in the process is a valuable tool.
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Nomenclature

Latin letters:

ATEX

COopP

DHW

atmospheéres explosives
coefficient of performance

domestic hot water
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ex specific exergy (J kg!)

Ex exergy rate (W)

Evr Electronic valve of regulation

h enthalpy (J kg!)

HPS heat pump for simultaneous heating and cooling
LP,HP low pressure, high pressure (Pa)
m mass flow rate (kg s')

Nrv non-return valve

Q heating or cooling capacity (W)
s entropy (J kg! K1)

T temperature (K)

TEV thermostatic expansion valve
w electric power (W)

Greek symbol:

n efficiency (%)

Subscripts:

0 reference state

aEv air evaporator

cd condenser

cp compressor

D destroyed

ev evaporator

ex exergy

SO source

wEv water evaporator

Xp expansion
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Highlights
e Two prototypes of heat pump for simultaneous heating and cooling were built and tested
e An exergy analysis was performed to assess the operation of each component
e Design problems were detected and improvements were made between 15t and 2" prototypes

e Exergy destruction should be low and balanced between components
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